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Abstract 
Standard procedure for bearing life calculation, as described in standard ISO281:2008, was developed for standard, rather small 
axial or thrust rolling bearings. Since the geometry and manufacturing procedures of large rolling slewing bearings are 
considerably different from those of standard rolling bearings, different calculation procedures have to be used. The paper 
describes a computational procedure, where the geometry of the bearing is described with vectors, which enables modelling of 
irregular shapes of the bearing rings. These can be a result of the manufacturing procedure or of the deformations caused by the 
operating conditions. The calculation procedure consists of calculation of the maximum contact force on the rolling element, 
which is done by the in-house developed program, and detailed finite element analysis of the contact between the ball and the 
raceway. The finite element analysis also takes into account depth-dependent material parameters of a raceway. Different 
calculation theories are then used for the calculation of fatigue life, and a comparison of the results is made at the end. 
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1. Introduction 
Slewing bearings are machine elements which enable relative rotation of two structural parts, as shown in Fig. 1. 
They can accommodate axial ( ), radial ( ) and tilting moment loads ( ) acting either singly or in combination 
and in any direction as shown in Fig 1. The bearings are made of inner and outer rings, rolling elements and spacers, 
which prevent rolling elements from hitting against each other. The rings are typically available in one of three 
executions: a) without gears, b) with an internal gear and c) with an external gear. Slewing bearings can perform 
both oscillating (slewing) and rotating movements. The rotational speed usually ranges from 0.1 to 5 rpm. They are 
widely used in construction of transport devices (cranes, transporters, turning tables, etc.), wind turbines production 
and other fields of mechanical engineering. 
The calculation of load capacity of “standard” bearings is widely known and standardized [1,2]. It is based on the 
Hertzian theory of contact, statistical approach and a vast number of tests, which are used to determine different 
“Life Adjustment Factors” [1,2,3,4]. Since the manufacturing process and operating conditions of large bearings 
significantly differ from those for standard bearings, the load capacity of such bearings usually cannot be 
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determined using the standardized procedure. Some of the things not taken into account by the standardized 
procedure are non-parallel displacement of the rings, clearance of the bearing, different raceway curvatures, 
rotational speed and consequently centrifugal forces, incorrect ring geometry, stiffness etc. [3]. While these 
simplifications might not be of significant importance in case of small, standard bearings, they are certainly 
important when it comes to large bearings. Hence, an alternative approach, which addresses some of these 
drawbacks, is presented in this paper. 
 
 
Fig. 1. Typical single row slewing bearing assembly and theoretical loading 
2. Theoretical basis 
2.1. Overview 
More or less all calculations of the bearing capacities are based on the maximum contact force acting on the 
raceway. Since this force depends on the distribution of the contact forces acting on the bearing raceways it is 
important to know the actual load distribution. As many researchers have found out before [5,6,7,8], in case of large 
rolling bearings stiffness of the supporting structure can significantly affect the load distribution, and consequently 
the capacity of the bearing. Large deformations of bearings and their supporting structures can lead to extreme 
situations, where bearings do not operate at the conditions for which they were designed. Such example is shown in 
Fig 2, where large deformations caused rolling element to roll on the edge of the raceway. 
 
 
Fig. 2. Damage on the edge of the bearing raceway caused by large deformation of the bearing and its supporting structure 
The usual approach to taking into account deformations of the supporting structure is by calculating its stiffness 
matrix, as described in [5]. This is usually done by carrying out finite element analysis, which implies that one has 
to know the actual geometry of the supporting structure. The main motivation for the computational procedure 
presented in this paper comes from the slewing bearing manufacturer’s point of view on calculation of bearings. 
They usually do not know the exact geometries of the supporting structures where their bearings are going to be 
mounted, yet they have to provide some information about the capacities of their bearings. Hence, a slightly 
different approach is presented here. It is based on an assumption that the deformed geometry of the bearing is 
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known. This can be a result of the irregularities induced by the manufacturing procedure or due to the deformation 
of the bearing and the supporting structure. This allows for fast computation of the load distribution. 
Due to the abovementioned approach to the calculation of the contact force, the standardized calculation 
procedure for determination of the bearing life cannot be used directly. Hence, an investigation about applicability 
of two rather simple and commonly used fatigue life theories is presented in the paper. Namely, stress- and strain-
life theories with regard to subsurface stresses and strains and depth dependent material properties are used. Stresses 
are calculated by analytic equations as defined by Hertzian contact theory and finite element method analysis. The 
latter approach is also used for the calculation of subsurface strains. A comparison of both life theories is presented 
at the end. 
2.2. Load distribution and maximum contact force 
Load distribution stands for the distribution of the contact forces acting on the bearing raceways and rolling 
elements. The calculation of load distribution and maximum contact force on a rolling element is well cowered in [4, 
5, 6]. However, these publications provide only calculation procedures for single row ball bearings and are based on 
solving a system of rather complicated nonlinear algebraic equations. The approach presented in this paper is based 
on the same theory, but it uses vectors rather than scalar quantities to describe the geometry of the bearing. This 
somehow simplifies the mathematical description of the geometry and provides a good basis for the development of 
geometric models of double row slewing bearings. Furthermore, it also makes it possible to take into consideration 
“irregular” bearing geometry. The calculation approach is the continuation of the work described in [9,10,11]. 
The calculation is based on the following assumptions: i) external loads acting on the bearing are in static 
equilibrium with the contact forces acting on the raceway; ii) the bearing rings are ideally stiff, thus taking into 
account only elastic contact deformations; iii) the procedure for calculation of contact forces is based on the 
Hertzian theory of contact, and iv) the internal ring is fixed, while external ring can move in ,  and  directions, 
and rotate about  and  axes. 
 
Fig. 3: Geometry of a double row four contact-point rolling bearing and contact forces acting on a ball 
The system is in static equilibrium when the outer ring is in such position that the external bearing loads are in 
the equilibrium with the contact forces acting on the outer ring raceways. Fig 3 shows the contact forces between the 
ball and the raceways. After applying external loads to a bearing an outer ring moves, hence its position can be 
defined by multiplying vectors  by transformation matrix : 
.  (1) 
By taking into consideration small rotations, such that  and , the transformation matrix  can be 
written as: 
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,  (2) 
where ,  and  designate translations in ,  and  directions, and  and  designate rotations about  and  
axes, respectively. 
The magnitudes of the contact forces depend on the contact deformations  between the balls and the bearing 
raceways. These are directly connected with the relative movements of the bearing rings, i.e. with the distance 
between the centers of inner and outer ring’s raceways, which change when the ring moves. Mathematically 
speaking these contact deformations can be positive or negative, where positive value means that the ball and the 
raceway are not in the contact, thus, the contact force equals 0: 
.  (3) 
According to the Hertzian contact theory the contact force can be expressed in terms of contact deformation and 
contact stiffness , which depends on the geometry of the bodies in the contact and their elastic properties 
[4,5,6,9,10,11,12,13]: 
.  (4) 
The force and moment equilibriums of all the forces acting on external bearing ring can now be written as: 
,  (5) 
.  (6) 
The number of contact forces  acting on outer bearing ring depends on the number of the balls and the number of 
the raceways in each row. In case of double row bearing with  and  balls in first and second row, respectively, 
the number of contact forces is: 
.  (7) 
The unknown variables in equations (5) and (6) are translations and rotations introduced in equation (2). Since the 
moment about the  axis is 0, the equations yield a system of 5 equations with 5 unknown variables, which can be 
solved using some numerical algorithm for multidimensional root-finding. 
At the end maximum contact force  is calculated: 
  (8) 
2.3. Fatigue life 
In case of contact problems the highest stresses usually occur below the surface. Hence, fatigue life is calculated 
on the basis of subsurface stresses and/or strains. Two most common life theories are used in this case, stress-life 
approach and strain-life approach [14,15]. In both cases multidimensional mean and alternating subsurface 
stresses—and strains in case of strain-life theory—at the most loaded contact point have to be calculated. 
According to the stress-life theory fatigue life or number of stress cycles to failure  is calculated with the 
Basquin’s equation: 
,  (9) 
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where  is equivalent fatigue stress,  is fatigue strength exponent and  is fatigue strength coefficient. Since 
rolling causes pulsating compression on the raceway the effect of mean stress also has to be taken into account. 
Thus, an equivalent fatigue stress  is calculated on the basis of the Goodman line as: 
.  (10) 
Here  and  are equivalent alternating and mean stresses, respectively and  is tensile strength. Due to 
multiaxial stress and strain state equivalent alternating stress is calculated according to the von Mises criteria: 
, (11) 
where  are alternating principal stresses. Similarly, equivalent stress can also be calculated on the basis of von 
Mises theory as: 
, (12) 
where  are mean principal stresses. Another approach to calculate equivalent mean stresses is to sum principal 
stresses, hence: 
.  (13) 
Since equation (12) is insensitive to a hydrostatic stress and it always gives positive equivalent mean stress, equation 
(13) seams to be more appropriate in case of compressice mean stresses. This equation, therefore, better represents 
the beneficial effect of compressive mean stresses, which are suppose to cause crack closuring, thus slower crack 
propagation. 
According to strain-life theory fatigue life is calculated by solving the following equation: 
, (14) 
where  are alternating principal strains,  is Young’s modulus of elasticity and  and  are fatigue ductility 
coefficient and fatigue ductility exponent, respectively. 
3. Practical example 
3.1. Bearing geometry and external loads 
The calculation procedure is demonstrated by calculation of fatigue life of a four contact-point double row ball 
bearing (as schematically shown in Fig 3) with the following dimensions: pitch diameter , ball 
diameter , raceway curvature radius  and nominal contact angle . 
Additionally, deformation of the bearing ring was taken into account as well. It was determined experimentally 
on the basis of the measured displacements of few points on the bearing ring, which was loaded by tilting moment 
8140 kNm and radial force 300 kN. The deformed geometry of the outer ring was approximated with sine curves 
describing radial and axial deformations, which were fit to the measured displacements as shown in Fig 4a. Inner 
bearing ring was non-deformed. 
3.2. Material properties 
The bearing rings are made of steel 42CrMo4 (AISI 4140/4142). For the purpose of the calculation of load 
distribution and maximum contact force, which is based on the Hertzian contact theory, only elastic material 
properties were used. Young’s moduli of elasticity for balls and bearing rings were taken to be 207000 MPa and 
201000 MPa, respectively. Poisson’s ratio was taken to be 0.3. However, raceways of large slewing bearings are 
usually surface hardened, which results in depth-dependent hardness profile of the raceway as shown in Fig 4b. 
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Hence, In case of finite element analysis, which was used to calculate subsurface stresses and strains, material was 
defined as elasto-plastic. The finite element model of a bearing raceway was divided into layers with different 
elasto-plastic material properties. Since the aim of the computation is calculation of fatigue life the material 
properties were defined by cyclic stress-strain curves, which were characterized by a Ramberg-Osgood equation 
[14,15]. The parameters of equation for each layer, i.e. for each hardness, were determined as described in [10,11]. 
 
 
Fig. 4. (a) Axial and radial deformations of outer bearing ring; (b) Measured depth dependent hardness profile of a bearing raceway and stepwise 
approximation of hardness used for FEM analysis 
3.3. Calculation procedure 
The calculation procedure is shown in Fig 5. First, load distribution and maximum contact force were calculated. 
The input data for this was bearing geometry, external loads and elastic material properties. Computations with both, 
ideal and irregular geometries were carried out. Irregular geometry was defined by using mathematical functions, 
which describe the changing of geometric parameter along perimeter of the bearing, as shown in Fig 4a. This part of 
the calculation procedure was done by using in-house developed computer program SDAL [16]. 
 
 
Fig 5. The calculation procedure for calculation of fatigue life 
In next step three approaches were used to calculate fatigue life. In the first one—analytic calculation—
subsurface stresses were calculated by means of Hertzian contact theory, hence only elastic material properties were 
taken into account. Fatigue life was calculated by using equation (9). This was also done by the program SDAL. In 
the second approach subsurface stresses were calculated by means of finite element analysis and fatigue life was 
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also calculated by means of stress-life theory—equation (9). In third approach finite element analysis was used for 
calculation of subsurface strains and fatigue life was calculated by means of strain-life theory—equation (14). 
3.4. Finite element model 
 
Fig. 6. Finite element model (a), contact pressure distribution (b) and simulation of a rolling pass (c) 
The finite element model, shown in Fig. 6a, represents a segment of an inner ring. Fixed boundary conditions 
were applied to the bottom surface and contact pressure was applied to the raceway by means of a function  
describing pressure distribution according to the Hertzian contact pressure as shown in Fig 6b. Rolling (loading and 
unloading) was simulated by displacing pressure distribution as shown in Fig 6c. The function  is defined as: 
,  (15) 
where  is maximum contact pressure and  and  are major and minor semi axes of a contact ellipse defined by 
Hertzian contact pressure. Values of ,  and  were calculated with a program SDAL as a part of calculation of 
maximum contact force acting on the raceway. Inner ring was chosen to be critical because of its convex shape, 
which means that the same contact force results in higher contact pressure on inner raceway than on the outer 
raceway. 
3.5. Results and discussion 
Distribution of contact forces along the perimeter of the raceway for non-deformed and deformed bearing ring 
geometry is shown in Fig 7. It can be seen that due to the deformation of the ring the maximum contact force 
significantly increases—for approximately 100%, while the contact pressure increases for approximately 20%. This 
is due to highly nonlinear relation between contact force and contact pressure. Furthermore, the contact angle at the 
most loaded ball changes from the nominal  to approximately  for non-deformed and to approximately  
for deformed bearing ring. Summarized results for both geometries are given in Table 1. These values were used as 
parameters for location and distribution of Hertzian contact pressure in case of finite element analysis. 
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Table 1. Some results of calculation of maximum contact force for non-deformed and deformed ring geometry 
  non-deformed deformed 
 [kN] 109 216 
 [MPa] 3338 4187 
 [°] 44 28 
 [mm] 12.2 15.3 
 [mm] 1.3 1.6 
 
   
Fig. 7. Load distribution of contact forces along the perimeter of the bearing for a) non-deformed and b) deformed geometry 
Figure Fig 8 shows von Mises stresses at maximum contact load for both non-deformed (a) and deformed (b) 
geometries. From Fig 8b it can be seen that in case of deformed geometry the critical location, i.e. point with the 
highest subsurface stresses and strains moves from the center of the contact point to the edge of the raceway. This is 
due to change in the contact angle, which also means that the center of the contact area shifts towards the edge of the 
raceway. The results is that part of the contact area falls out of the raceway, hence the edge of the raceway is 
subjected to higher loading that the center of the contact area. 
 
   
Fig. 8. Von Mises stresses at maximum contact load in case of: (a) non-deformed geometry ( = 44°); and (b) deformed geometry ( = 28°) 
Fig 9 shows equivalent alternating stresses and their relation to the equivalent mean stresses calculated with two 
different theories. It can be easily noticed that the theories give significantly different mean equivalent stresses. 
While it is expected that equation (12) gives positive and equation (13) negative mean stresses, it is somehow 
surprising that they differ that much in magnitude. This results in fatigue life which is shown in Fig 10. Fig 10a 
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shows fatigue life when von Mises theory was used for the equivalent mean stresses, and Fig 10b shows fatigue life 
when sum of principal stresses was used for the calculation of equivalent mean stresses. Both charts include results 
from stress- and strain-life analysis. First group of bars (designated as  (H)) stands for fatigue life as 
calculated by means of stress-life theory with analytical equations (Hertz contact theory), second group of bars 
(designated as  (FEM)) stands for fatigue life as calculated by means of stress-life theory when finite element 
method was used for the calculation of subsurface stresses, and third group of bars stands for fatigue life as 
calculated by means of strain-life theory when finite element method was used to calculate subsurface stresses and 
strains. Fig 10 shows that the theory used for the calculation of mean equivalent stresses is of major importance in 
this case. The difference in fatigue life is of the order of magnitude of 1e5. 
  
Fig. 9. Equivalent mean and alternating stresses where: (a) mean stresses are calculated according to von Mises theory (equation (12)); (b) 
mean stresses are calculated as a sum of principal stresses (equation (13)) 
  
Fig. 10. Comparison of fatigue life calculated for non-deformed and deformed bearing in relation to the life theories (stress-life and strain-
life) and theories used for the calculation of mean equivalent stresses: (a) von Mises theory (equation (12)); (b) the sum of principal stresses 
(equation (13)) 
 
It also has to be noted that the results for fatigue life, which was calculated by means of stress-life theory, is 
shown only because of comparison. In this case the theory should not be used because the contact loading causes 
large plastic deformations, which result in high residual stresses as shown in Fig 11. However, this largely depends 
on the depth-dependent hardness profile, which, in this case, is obviously not deep enough. 
4. Conclusion 
The paper shows that the deformation of the bearing ring has large influence on the contact load distribution. 
Namely, the same external loading can cause much higher contact pressure on deformed bearing than on non-
deformed. Furthermore, depth-dependent hardness profile also has large influence on fatigue life, since it can result 
in large plastic deformations below the surface if the depth of the hardening is not deep enough. It is also interesting 
that the choice of the theory used for the calculation of equivalent mean stresses can have so big influence on the 
fatigue life. While it is commonly known and accepted that compressive mean stresses have positive influence on  
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Fig. 11. Maximum and minimum von Mises stresses for: (a) non.deformed geometry; (b) deformed geometry 
 
fatigue life, it is unexpected that higher contact pressure causes longer life, which is the case here. Hence, the 
analysis shown in the paper should serve as a starting point to more thorough investigations of fatigue life theories 
that would be appropriate for contact problems where machine parts are mostly subjected to high compressive 
stresses. 
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